Effect factors of part-load performance for various Organic Rankine cycles using in engine waste heat recovery by Wang, X et al.
Lawrence Berkeley National Laboratory
Recent Work
Title
Effect factors of part-load performance for various Organic Rankine cycles using in 
engine waste heat recovery
Permalink
https://escholarship.org/uc/item/5sd9n8fx
Authors
Wang, X
Shu, G
Tian, H
et al.
Publication Date
2018-10-15
DOI
10.1016/j.enconman.2018.08.024
 
Peer reviewed
eScholarship.org Powered by the California Digital Library
University of California
Contents lists available at ScienceDirect
Energy Conversion and Management
journal homepage: www.elsevier.com/locate/enconman
Effect factors of part-load performance for various Organic Rankine cycles
using in engine waste heat recovery
Xuan Wanga,b, Gequn Shua,⁎, Hua Tiana,⁎, Wei Fengb, Peng Liua, Xiaoya Lia
a State Key Laboratory of Engines, Tianjin University, No. 92, Weijin Road, Nankai District, Tianjin 300072, China
b Energy Technologies Area, Lawrence Berkeley National Laboratory, 1 Cyclotron Road, Berkeley, CA 94720, USA
A R T I C L E I N F O
Keywords:
Dynamic process
Waste heat recovery
Organic Rankine Cycle
Part-load
Engine
A B S T R A C T
The Organic Rankine Cycle (ORC) is regarded as one of the most promising waste heat recovery technologies for
electricity generation engines. Since the engine usually operates under different working conditions, it is im-
portant to research the part-load performance of the ORC. In order to reveal the effect factors of part-load
performance, four different forms of ORCs are compared in the study with dynamic math models established in
SIMULINK. They are the ORC applying low temperature working fluid R245fa with a medium heat transfer
cycle, the ORCs with high temperature working fluid toluene heated directly by exhaust condensing at low
pressure and high pressure, and the double-stage ORC. It is regarded that the more slowly the system output
power decreases, the better part-load performance it has. Based on a comparison among the four systems, the
effects of evaporating pressure, condensing condition, working fluid, and system structure on part-load per-
formance are revealed in the work. Further, it is found that the system which best matches with the heat source
not only performs well under the design conditions, but also has excellent part-load performance.
1. Introduction
The ORC (Organic Rankine Cycle) is one of the most promising
energy conversion technologies for electricity generation engine waste
heat recovery [1]. The former study shows that the engine power can be
increased by about 10–17% with the ORC [2–5]. Additionally, the ORC
shows great flexibility, high safety, low cost, and low maintenance re-
quirements [6]. In recent years, a number of engine-ORC combined
systems have been installed, for example in Italy at Pavia (0.6 MW),
Portogruaro (0.6MW), Catania (0.6 MW), Pescara (0.7MW), Chivasso
(1MW), Pisticci (1.8 MW) and Pisticci Scalo (4MW); in Germany at
Kempen (0.6MW) and Senden (1MW); and in Finland at Ammassuo,
Espoo (1.3MW) [2,7].
There are a number of different kinds of ORCs for engine waste heat
recovery. In our previous research [8], the most common basic ORCs
are classified as: the ORC with low temperature working fluid such as
refrigerants, named LT-ORC; the ORC with high temperature working
fluid such as benzenes, named HT-ORC; and the double-stage ORC,
named DORC or binary ORC [9]. Comprehensive evaluation of different
ORCs has been studied based on the first and second laws of thermo-
dynamics, and the economy, revealing their own advantages and dis-
advantages, respectively. For example, Vaja and Gambarotta [10]
compared the performance of LT-ORCs (R245fa and R11 working
fluids) and the HT-ORC (benzene working fluid) as the WHRS (waste
heat recovery system) for an internal combustion engine. It was found
that the largest efficiency increase of the engine could be obtained by
the ORC with benzene, while the smaller and cheaper turbine could be
applied in the LT-ORC. Shu et al. [11] compared the performance of a
single-loop ORC and a DORC as the WHRS of a heavy-duty diesel en-
gine, based on a multi-approach evaluation system. It was demon-
strated that the DORC system was a suitable configuration for engine
waste heat recovery, as it performed excellently during thermodynamic
and economic evaluating processes. The research of Invernizzi and
Nadeem [9] showed performance limitations in simple cycles under
realistic assumptions, such as the application of a single-stage turbine,
and revealed the high efficiency of binary ORC (15–16%).
All of the above research focuses solely on steady performance
under design working conditions. In fact, working conditions for elec-
tricity generation engines often vary, leading to large and frequent
changes in waste heat [12,13], so it is crucial to study the part-load
performance of ORCs [12]. Part-load performance can be predicted by
the static off-design model and the dynamic model [10]. The static off-
design model can calculate part-load performance under different
stable working conditions, but it cannot reflect dynamic behavior in an
unsteady state. On the other hand, it does not require much calculation
resource. The whole dynamic varying process of the ORC can be figured
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out by the dynamic model, which can be used to develop the control
system, but doing so requires more calculation resource than the static
model.
Fu et al. [14] investigated the effects of heat source temperature on
ORC system part-load performance by the static part-load model. It was
found that the heat source temperature variation of −10.3 °C to
+19.8 °C from the design value resulted in variations of −13.6% to
+22.6% and −11.5% to +17.4% in net output power and thermal
efficiency, respectively. Badescu et al. [15] conducted a study on re-
covering exhaust waste heat from a power generation engine under
different engine working conditions using the static part-load model.
When the engine was coupled with an ORC, the overall thermal effi-
ciency of the combined system could be higher than that of the engine
alone by 6.00%, 5.85%, and 5.91% under engine loads of 100%, 75%,
and 50%, respectively. Bamgbopa and Uzgoren [16] established both
static and dynamic models of the ORC. The static model was used to
develop a static state map to construct a control strategy. The dynamic
model was used to study system part-load performance when the heat
source gradually or abruptly varied with and without the control
strategy. It was demonstrated that adjusting flow rates could not only
improve thermal efficiency but also help to maintain steady state op-
eration. Danov and Gupta [17] proposed a combined cycle which used
the diesel engine as the top cycle and the ORC as the bottom cycle for
exhaust waste heat recovery. A numerical dynamical model was es-
tablished to assess part-load performance under different engine
working conditions, and this showed tight interactions between the two
cycles when the engine was not running under full load. Horst et al.
[18] established a dynamic ORC model with a controller as the WHRS
of an automotive engine to evaluate fuel saving potential during an
exemplary dynamic motorway driving scenario. The results showed
that the WHRS could improve fuel economy by 3.4%. Mazzi et al. [19]
presented a dynamic model of an LT-ORC for exhaust waste heat
recovery. Results showed that system efficiency at the design point only
slightly decreased (from 24.45% to 24.21%) in the range of 80–110% of
the nominal oil mass flow rate at constant temperature. By contrast,
changes in oil temperature affected efficiency significantly.
All of the above researches about ORC part-load performance focus
solely on the performance variation of a certain system when the
parameters of the heat source or the ORC itself change. There are few
studies that focus on comparing the part-load performance of different
ORCs and finding the effect factors. Therefore, the part-load perfor-
mance of different ORCs as the WHRS of an electricity generation en-
gine is compared under different working conditions by the dynamic
model with a control system in this study. As mentioned above, the
most common basic ORCs are classified as LT-ORC, HT-ORC, and
DORC, with HT-ORCs being divided into systems with high condensing
pressure and low condensing pressure. Consequently, four different
ORC configurations in total are compared. Based on this, the reasons
why they perform differently under part-load conditions are analyzed in
detail.
2. System description
2.1. The engine
The electricity generation engine in this study is a natural gas in-
ternal combustion engine of 1000 kW rated power. The heat balance
experiments on the engine have been conducted by our research group,
which aimed to understand the distribution of output energy under full
engine working conditions, such as the proportion of effective power,
exhaust heat, jacket water heat, and so on. However, in this work only
the exhaust, which is the most important waste heat source and ac-
counts for about 30–40% of input energy, is the heat source for different
ORCs. Therefore, only the parameters related to exhaust under seven
Nomenclature
T temperature (K)
ρ density (kg/m3)
α heat transfer coefficient (W/m2 K)
Cp specific heat (J/kg K)
m mass flow rate (kg/s)
A area (m2)
t time (s)
D diameter (m)
h specific enthalpy (J/kg)
Re Reynolds number
Nu Nusselt number
Pr Prandtl number
γ void fraction (m2/s)
μ density ratio
u velocity (m/s)
L length (m)
p pressure (Pa)
x vapor quality
ω revolution speed (rpm)
ηv volumetric efficiency
Vcyl cylinder volume (m3)
V ̇ volume flow rate (m3/s)
Cv turbine coefficient
W work (kW)
Q absorbed heat (kW)
ηst isentropic efficiency of expander
η dynamic viscosity (Pa s) or liquid fraction or efficiency
ηsp isentropic efficiency of pump
cs isentropic gas speed(m/s)
Subscript
l liquid
g gas
e heat source
c cold
f fluid
i inside
o outside
w wall
in inlet
out outlet
r working fluid
avg average
p pump
s isentropic
t turbine
rec receive
amb ambient
Abbreviation
ORC Organic Rankine Cycle
DORC Dual-loop Organic Rankine Cycle
B-ORC back pressure ORC
C-ORC condensing ORC
MB moving Boundary
WHRS Waste Heat Recovery System
HT high temperature
LT low temperature
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typical working conditions are shown in Table 1. As the power plant, it
keeps a constant speed (600 rpm) while its load varies according to
demand. Therein, the exhaust mass flow rate is hard to measure directly
because of its high temperature and corrosivity, so it is calculated with
the measurement of intake air volume flow rate and the heat con-
sumption rate of natural gas.
2.2. Investigated ORC configurations
In the study, the most common ORCs are classified as LT-ORC, HT-
ORC, and DORC, with HT-ORCs being divided into systems with high
condensing pressure (B-ORC) and low condensing pressure (C-ORC). In
total, four different ORCs are compared.
There are a number of different organic working fluids, and much
research focuses on the selection of working fluids, such as Refs.
[20–22]. Based on their respective heat source temperature and critical
temperature ranges, working fluids can be classed as low temperature
(LT) working fluids or high temperature (HT) working fluids [23,24].
The critical temperature, normal boiling temperature, and decomposi-
tion temperature of LT working fluids are all usually relatively low. If
they are heated directly by high temperature exhaust, they may resolve.
In that case, a medium heat transfer cycle would be required [25–27].
Fig. 1 shows the structure of an LT-ORC that applies pressured hot
water as the medium heat transfer cycle. R245fa is selected to represent
LT-ORCs in the study. Another feature of LT-ORCs is that they often
condense under environment temperature with positive condensing
pressure, because of their low normal boiling temperature.
HT working fluids such as alkanes and siloxanes usually have a high
critical temperature, a normal boiling temperature, and a relatively
high decomposition temperature. They have been applied widely in
high temperature waste heat recovery [28–30]. Some of them, such as
toluene, remain remarkably stable at high temperature [31], so they
can be heated by exhaust directly [28–30] as shown in Fig. 2. Toluene is
selected to represent HT-ORCs in the study. HT-ORCs can produce large
output power, condensing under the environment temperature. How-
ever, owing to HT-ORCs’ high normal boiling temperature, their con-
densing pressure is quite low and their pressure ratio in turbines is very
great, making turbine manufacture difficult [9,30]. Therefore, in many
applications the condensing pressure and temperature of HT-ORCs are
increased to offer heating [32,33] or cooling [34,35] as the cogenera-
tion system. HT-ORCs with low condensing pressure and high con-
densing pressure are named C-ORC and B-ORC, respectively, in the
study.
The DORC is a ‘binary cycle’ of the B-ORC and LT-ORC as described
in Fig. 3. The first cycle is directly heated by the exhaust and con-
densates under high temperature. Therefore, the condensing heat can
be sequentially recovered by another LT-ORC. A high temperature
cooling water cycle connects the two ORCs, which makes the whole
system safe and flexible for offering cooling, heating, or electricity [36].
The DORC can avoid the vacuum degree in the condenser and a too
large pressure ratio in the HT-ORC, while still outputting a large
amount of power roughly equivalent to that of a C-ORC [9,30]. The
working fluids of the first and second cycles are toluene and R245fa for
the DORC in the study. Fig. 4 shows the T-s diagram of the four kinds of
ORCs. Toluene and R245fa are both dry fluids, so just a small superheat
degree is required to protect the turbine [37].
Table 1
Main parameters of the engine.
Parameter Unit Value
Speed r/min 600 600 600 600 600 600 600
Work condition load / 40% 50% 60% 70% 80% 90% 100%
Effective power kW 400 500 600 700 800 900 1000
Exhaust temperature °C 470 515 525 527 530 532 540
Heat consumption rate of gas MJ/kWh 13.09 11.76 11.08 10.59 10.20 10.26 9.85
Intake air volume flow rate m3/h 1774 2145 2465 2748 3120 3510 4180
Exhaust mass flow rate kg/s 0.711 0.859 0.987 1.101 1.258 1.414 1.563
Fig. 1. The system structure of LT-ORC.
Fig. 2. The system structure of B-ORC and C-ORC.
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3. Dynamic model
The dynamic models are established here to research the part-load
performance of the four different ORCs. Firstly, the dynamic models of
the main components in every system are established and then are
combined together to create the whole system model based on their
interrelationships. Since pumps and expanders respond much faster
than heat exchangers, their models are usually replaced by static
models [38,39]. The math model is built by SIMULINK and the property
parameters of working fluids are obtained from REFPROP.
3.1. The heat exchangers with phase change
Because there is phase change in the evaporator and the convective
heat transfer coefficients of various phases are quite different, the dy-
namic model is established by the MB (moving boundary) method. The
MB method has been regarded as the most popular and effective ap-
proach for dynamic modeling of heat exchangers with phase change,
and has proven to be precise enough with experimental data [39]. With
the MB method, the working fluid side of the evaporator is divided into
three regions: the sub-cooling region, the two-phase region, and the
super-heating region as shown in Fig. 5. The lumped parameter method
is applied in every region.
The general differential mass balance equation of the three regions
is:
∫ ∫∂ ∂ + ∂∂ =Aρt dz mz dz( ) ̇ 0L L0 i 0 i (1)
The general differential energy balance equation of the three re-
gions is:
∫ ∫ ∫∂ −∂ + ∂∂ = −Aρh Apt dz mhz dz α πD T T dz( ) ̇ ( )L Li Li i i w r0 i 0 0 (2)
A simplified energy balance equation of the wall is:
= − + −c ρ A dT
dt
α πD T T α πD T T( ) ( )pw w w
w
i i r w o o a w (3)
Integrating the three Eqs. (1)–(3) over every region respectively, MB
models for the evaporator can be obtained. More detail about the MB
method can be found in [38].
Corresponding to the three regions of working fluid, the heat source
side can also be divided into three regions. The heat source for the
evaporator in different ORCs in the study can be exhaust or hot water,
as shown in Figs. 1–3. The dynamic response of hot water cannot be
ignored, so a dynamic model is adopted. Because the heat capacity and
density of exhaust is small, it responds much faster than working fluid
or hot water. Therefore, a static model can be used [40,41]. Static and
Fig. 3. The system structure of DORC.
Fig. 4. The T-s diagram of the four systems.
Fig. 5. The schematic of the MB model with three regions.
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dynamic models of the exhaust are compared to show their suitable
application range in Fig. 6. For the dynamic model, the general energy
and mass balance Eqs. (1) and (2) are suitable for exhaust or hot water
as well. In Refs. [40,41], the exhaust static model only contains the
energy balance as shown in Eq. (4). Therein, subscript i represents
different phase regions.
− = −m h h α πD L T T( ) ( )e i ein i eout i i ei wi_ _ i (4)
The dynamic variation processes for the static model and dynamic
model of the exhaust are compared in Fig. 6. This figure describes the
changing of the outlet exhaust temperature (at the evaporator outlet)
and the superheat degree at turbine inlet when the mass flow rate of
working fluid toluene decreases. It can be seen that the stable values of
the two models are the same, while the dynamic processes are very
different. Obviously, the exhaust temperature and superheat degree of
the static model respond faster than in the dynamic model. Further, the
variation of exhaust temperature in the static model is not smooth,
because it ignores the dynamic of exhaust. However, if only the static
part-load performance is needed, the static model is a good choice due
to its simplicity of calculation.
A dynamic model of the condenser is also established by the MB
method, and it is quite similar to that of the evaporator. There should
be a drum after the condenser as shown in Figs. 1–3. This is not only for
the safety of the pump, but also for the stability of the whole dynamic
system model. The model of the drum can be expressed as:
= −dm
dt
m ṁ ̇rec rec in rec out, , (5)
= − + −d m u
dt
m h m h UA T T( ) ̇ ̇ ( )rec rec rec in in rec out out amb rec, , (6)
3.2. The heat exchangers without phase change
There is no phase change in the exhaust exchanger of the LT-ORC
and the exhaust temperature drops greatly, so the discrete method is
used for this heat exchanger as shown in Fig. 7. The model can be
described as:
Hot water:
= − + − +A xρ Cp dTdt α πD x T T m h m hΔ ¯ Δ ( ) ̇ ̇f ai f ai
f ai
in i i w i f ai f f i f f i1 1, 1,
1,
, , 1, 1 1, 1 1, 1
(7)
Exhaust:
+ =
− + −
∂
∂
∂
∂
+
( )A x ρ h
α πD x T T m h m h
Δ ¯ ¯
Δ ( ) ̇ ̇
f ai
h
T f ai
ρ
T
dT
dt
out i o w i f ai f f i f f i
2 2, 2,
¯
, , 2, 2 2, 1 2 2,
f ai
f ai
f ai
f ai
f ai2,
2,
2,
2,
2,
(8)
Pipe wall:
= − + −A xρ Cp dT
dt
α πD x T T α πD x T TΔ Δ ( ) Δ ( )w w w
w ai
out i o f ai w i in i i f ai w i
,
, 2, , , 1, ,
(9)
Fig. 6. The comparison between the static and dynamic models of the exhaust.
(a) The variation of the final exhaust temperature. (b) The variation of the fluid
superheat degree.
Fig. 7. The discretization model of the water heat exchanger.
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3.3. Heat transfer coefficient
All heat transfer coefficients used in the model are shown in Table 2.
In order to enhance heat transfer with exhaust, there are fins in all of
the exhaust heat exchangers but not in the hot water exchanger. More
detail about the heat transfer coefficients can be found in the corre-
sponding literature [42–44].
3.4. Pump and turbine
A displacement pump is applied in the study and the mass flow rate
can be expressed as [38]:
=m η ρ V ω· · ·pump v pump cyl (14)
Therein, ηv, ρpump, Vcyl, and ω are the volumetric efficiency, the
density of the working fluid at the pump inlet, the cylinder volume, and
pump speed. The working fluid experiences a non-isentropic process in
the pump. The ideal working fluid enthalpy after isentropic pumping is
hspout. hpin and hpout are the enthalpy of working fluid at the inlet and
outlet of the pump, respectively. ηsp is the isentropic pump efficiency
and ηg is the efficiency of the electromotor, which are assumed to be 0.7
and 0.9, respectively. Then the consumed work of the pump is:
= −W m h h η( )/p pout pin g (15)
= + −h h h h η( )·pout pin spout pin sp (16)
The turbine can be simplified as a nozzle [38]. Since the pressure
ratio (the ratio of the pressure before and after the turbine) is much
greater than the critical pressure ratio of the working fluid, the fluid
reaches supersonic speed under most conditions, and the influence of
turbine outlet pressure can therefore be ignored [45]:
=m C ρ ṗ t v in (17)
Therein, Cv is a coefficient, ρin is the working fluid density at the
inlet of the turbine, and p is the evaporating pressure. In the turbine, the
working fluid experiences a non-isentropic process and the calculation
of turbine power is similar to the pump:
= −W m h h η( )t tin tout g (18)
= − −h h h h η( )tout tin tin sout st (19)
The turbine efficiency ηst designed as 0.7 varies under different part-
load conditions, and is expressed as an empirical equation with several
empirical coefficients in most part-load performance research [46,47].
These empirical coefficients are very important and change with dif-
ferent working fluids, different manufactures, and so on. Since the
output power of the four ORCs is compared in the paper, the selection
of empirical coefficients greatly affects results. However, it is not rea-
sonable to make these empirical coefficients identical for all the four
ORCs, because they have different working fluids. In order to avoid the
effects of different turbines, the isentropic turbine efficiency is assumed
as constant. When doing the research on part-load performance of only
one specific ORC system, it is suggested to use a generic dimensionless
curve of the turbine efficiency.
3.5. Model validation
In order to validate the dynamic ORC model, the experiment bench
has been established as shown in Fig. 8. The experiment system is a
basic ORC with working fluid R245fa, which mainly consists of eva-
porator, turbine (replaced by expansion valve in this system), con-
denser, tank, pump, and some sensors. Fig. 9 gives a clear structure
description of the system. The experiment bench aims at validating the
dynamic ORC model and developing control systems in the future, so it
is a principle experiment system with small capacity. The design ab-
sorption heat of the evaporator is 10 kW and it is heated by the hot air
generated from an electrical heater.
The model is validated by comparing the dynamic process of several
important parameters with experiment measurement when decreasing
the working fluid mass flow rate. Therefore, the experiment process can
be simply described as:
1. Make the system work in a stable condition for a while and record
the data.
2. Change the working fluid mass flow rate by adjusting the pump and
record the whole dynamic variation process.
3. Repeat this experiment several times and select the best group of
data.
The dynamic model is designed according to the real parameters of
the experiment system and its stable state in the above process. It is
hard to calculate the exact heat transfer coefficients, so they need to be
modified based on the experiment measurement [48]. After finishing
the design, the stable state of the model mostly agrees with the ex-
periment measure as shown in Figs. 10–12. Figs. 10–12 compare the
dynamic variation of the model and experiment when the working fluid
Table 2
The heat transfer coefficients used in the model.
Heat transfer side Heat transfer coefficients
Exhaust side [42]
⎜ ⎟= ⎛⎝
⎞
⎠( ) ( )0.1378
Diαf
λ
DiG
μ
cpμ
λ
Sf
Hf
max 0.718 1/3
0.296 (10)
Hot water side/cooling water side [43] =Nu C Re Pr Pr Pr( / )f α m f f w0.36 0.25 (11)
Inside tube (single phase) [43] = ⎛⎝ ⎞⎠u Re PrN 0.027f f f
ηf
ηw
0.8 1/3
0.14 (12)
Inside tube (two-phase) [44]
⎜ ⎟ ⎜ ⎟= ⎧⎨⎩
⎡
⎣⎢
− + − ⎛⎝
⎞
⎠
⎤
⎦⎥
+ ⎡
⎣⎢
+ − ⎛⎝
⎞
⎠
⎤
⎦⎥
⎫
⎬⎭
− − −
α α x x x x x(1 ) 1.2 (1 ) (1 8(1 ) )l
ρl
ρg
αg
αl
ρl
ρg
0.4
0.37 2.2
0.01 0.7
0.67 2 0.5 (13)
Fig. 8. The experiment bench for ORC dynamic model validation.
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mass flow rates decrease by the same value. It can be seen that the
model has enough consistency with the experiment.
4. Results and discussion
In this part, firstly the part-load performance of three kinds of
single-stage ORCs under seven typical engine working conditions is
compared. The three engines are the LT-ORC with working fluid
R245fa, the B-ORC, and the C-ORC with working fluid toluene. All are
designed based on the rated engine working condition and main design
parameters are shown in Table 3. It should be noted that since the heat
exchange tubes in the exhaust heat exchangers of all three ORCs have
the same structure parameters, as well as the condensers, the length of
tube is used to represent heat transfer area. The exhaust temperature
out of the exhaust heat exchanger (i.e., final exhaust temperature)
should be higher than the acid dew point, otherwise the equipment can
be corroded [49]. The acid dew point varies with sulphur content and is
assumed as 383 K in the paper. According to our former research [50],
the final exhaust temperature declines as the engine working condition
decreases. Therefore, if another control strategy is not adopted, the
design final exhaust temperature should be high enough above the acid
Fig. 9. The detailed structure of the experiment bench.
Fig. 10. The validation of evaporating pressure.
Fig. 11. The validation of working fluid temperature at the turbine inlet.
Fig. 12. The validation of hot air temperature at the evaporator outlet.
Table 3
The main design parameters of the three single-stage ORCs.
System LT-ORC B-ORC C-ORC
Exhaust heat exchanger tube length (m) 82.68 236.19 163.68
Condenser tube length (m) 239.0 45.72 112.89
Working fluid mass flow rate (kg/s) 2.7225 1.2918 0.9497
Condensing temperature (K) 308.15 409.56 308.15
Condensing pressure (kPa) 211 200 6.24
Evaporating pressure (MPa) 2.0 2.0 2.0
Cooling water temperature (K) 298.15 358 298.15
Cooling water mass flow rate (kg/s) 30 30 30
X. Wang et al. Energy Conversion and Management 174 (2018) 504–515
510
dew point to avoid corrosion under part-load conditions. As a result, the
design final exhaust temperature is 50 K higher than the acid point in
this work. The condensing temperature of the B-ORC is much higher
than the environment temperature and in order to utilize the conden-
sing heat, the design cooling water temperature is high. Then the DORC
is compared with the three single-stage ORCs in Section 4.2.
4.1. The part-load performance comparison of the three single stage systems
Fig. 13 describes the dynamic variation of the output power of the
three ORCs when the engine working condition decreases by 10% every
700 s. In other Figs. (i.e., Figs. 15, 18, and 19), the engine working con-
dition decreases like this as well. It can be seen that under the rated en-
gine working condition, the power of the B-ORC is slightly less than that
of the LT-ORC, while with the dropping working condition B-ORC begins
to exceed LT-ORC. Therefore, the B-ORC output power declines more
slowly than the LT-ORC and has better part-load performance. The power
of the C-ORC is much larger than the other two, so in order to compare
them intuitively the dimensionless power is shown in Fig. 14. Di-
mensionless power is defined as the output power under the part-load
condition divided by that under the rated condition. The larger the di-
mensionless power is, the more slowly the power decreases and the better
part-load performance the system has. From the figure, it can be found
that the power of the C-ORC declines most slowly and the B-ORC comes
second. The LT-ORC has the worst part-load performance. Further, the
difference among them becomes greater and greater as the working
condition declines. The output power is equal to the product of absorbed
heat and thermal efficiency, so the part-load performance differences will
be analyzed from these two aspects, especially efficiency.
4.1.1. The analysis of the absorbed heat
Fig. 15 describes the variation of the final exhaust temperature
when the engine condition changes, and the stable values of absorbed
heat under the seven conditions are shown in Fig. 16. The dynamic
model of the exhaust is applied in the LT-ORC model, so the dynamic
behavior of the final temperature is smooth. By contrast, the static
model is applied in the other two systems, leading to a rough process.
Nevertheless, the stable values are the same as analyzed in Part 3. The
final exhaust temperature of the B-ORC is always highest, so it absorbs
the least heat. The final exhaust temperature of the LT-ORC is slightly
higher than that of the C-ORC, except under the 40% working condi-
tion. Additionally, as the working condition declines, the final exhaust
temperature of the B-ORC becomes increasingly higher than the others.
Under the 40% working condition, the final exhaust temperature of the
B-ORC is 40 K higher than that of the LT-ORC, which means the ab-
sorbed heat is almost 20 kW less.
It is well known that the absorbed heat is decided by the product of
the total heat transfer coefficient, the area, and the temperature dif-
ference. Therein, the heat transfer area is fixed, so the difference of
absorbed heat under part-load is decided by the product of the other
two factors. The exhaust heat exchangers in the three systems have the
same structure and geometrical parameters except for heat transfer
area. Therefore, all heat transfer coefficients on the exhaust side are
nearly the same. In the B-ORC and C-ORC, the heat transfer coefficients
on the working fluid side are much larger than those on the exhaust
side. Since the overall heat transfer coefficients are greatly affected by
the smaller one, both systems have approximate overall heat transfer
coefficients and changing of the temperature difference plays a decisive
role. Under the design condition, all systems have the same absorbed
heat, while the heat transfer area of the exhaust heat exchanger in B-
ORC is much larger than that in the C-ORC. This indicates the average
temperature difference of the B-ORC is much smaller, so the reduction
Fig. 13. The output power of the three single-stage ORCs under seven typical
engine working conditions.
Fig. 14. The dimensionless output power of the three single-stage ORCs under
seven typical engine working conditions.
Fig. 15. The variation of final exhaust temperatures of the three single-stage
ORCs under seven typical engine working conditions.
Fig. 16. The absorbed heat of the three single-stage ORCs under seven typical
engine working conditions.
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of heat transfer ability is more sensitive to the decrease in temperature
difference. In other words, when the engine working condition de-
creases, leading to a drop in heat transfer temperature difference, the B-
ORC with the larger heat transfer area and smaller temperature dif-
ference will be affected more obviously and absorb less heat as de-
scribed in Figs. 15 and 16. It is difficult to compare the LT-ORC with the
former two systems by a certain main factor because it exchanges heat
twice and the heat transfer model is complex. According to the calcu-
lation results, its absorbed heat is similar to that of the C-ORC under the
seven engine working conditions.
4.1.2. The analysis of thermal efficiency
The absorbed heat of the B-ORC reduces fastest with declining en-
gine working condition, while its output power decreases more slowly
than the LT-ORC, which means that the thermal efficiency of the B-ORC
must also decrease more slowly than the LT-ORC. Similarly, the effi-
ciency of the LT-ORC must decrease fastest because it absorbs ap-
proximately the same heat as the C-ORC under different working con-
ditions, while its power is the least. The stable values of the thermal
efficiencies of the three systems are shown in Fig. 17. Just as in the
analysis above, the LT-ORC efficiency decreases the most quickly. The
ORC thermal efficiency is mainly decided by the evaporating pressure,
the condensing pressure, and the superheat degree. Therein, the su-
perheat degree is controlled as 10 K. Consequently, the differences of
the efficiencies under part-load will be analyzed in detail from the
evaporating pressure and condensing pressure in the below.
Figs. 18 and 19 describe the variation of the evaporating pressures
and the condensing pressures in the three systems when the engine
working condition changes. It can be found that the difference among
the evaporating pressures of the three systems is not very large. By
contrast, there is obvious distinction among the condensing pressures.
As the engine working condition decreases, both the absorbed heat and
the condensing heat of the ORC reduce. However, the inlet temperature
of the cooling water and its mass flow rate remain unchanged, so that
more gas is condensed, leading to a lower pressure. Since the
condensing temperature declines with the decreasing condensing
pressure, the heat transfer temperature difference between cold and hot
fluids shrinks with the reduction of heat transfer ability. Then another
balance is researched in the condenser. The condensing temperature of
the LT-ORC and the C-ORC (308 K) is close to the cooling water inlet
temperature (298 K), so the average temperature difference between
them is quite small. This means that a small change in condensing
temperature can have a great effect on the average heat transfer tem-
perature difference, which obviously affects condensing performance.
As a result, the condensing temperature or pressure only needs to
change by a small amount to balance the cooling load when the engine
work condition varies. By contrast, there is a large heat transfer tem-
perature difference between the working fluid (409.5 K condensing
temperature) and cooling water (358 K) in the B-ORC. Therefore, when
the cooling load changes, the condensing temperature must change by a
much larger amount to reach the new balance. Accordingly, the con-
densing pressure also has a greater variation. It is well known that
lowering the condensing pressure contributes to improving outputFig. 17. The efficiencies of the three single-stage ORCs under seven typical
engine working conditions.
Fig. 18. The variation of evaporating pressures of the three single-stage ORCs
under seven typical engine working conditions.
Fig. 19. The variation of condensing pressures of the three single-stage ORCs
under seven typical engine working conditions.
Fig. 20. The variation of the efficiency of toluene with condensing pressure and
evaporating pressure.
Fig. 21. The efficiencies of toluene and R245fa under different evaporating
pressures.
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power. As a result, although the B-ORC evaporating pressure decreases
fastest with the dropping engine working condition, the declining
condensing pressure makes the system efficiency only reduce a little, as
shown in Fig. 17, and even produces a small increase under the 90%
working condition. Fig. 20 shows the thermal efficiency of toluene
under different evaporating pressures and condensing pressures. The
states of the B-ORC under the seven engine working conditions are
marked to show the thermal efficiency variation.
The decrease of the C-ORC efficiency is only slightly greater than
that of the B-ORC. Fig. 21 describes the thermal efficiency of R245fa
and toluene varying with evaporating pressure. It can be seen that in
the range of 1–2MPa, the efficiency of toluene does not change ob-
viously. Therefore, the efficiency of the C-ORC only declines slightly
when the engine working condition decreases. Owing to the great
decrease of condensing pressure, the B-ORC efficiency declines more
slowly. For the working fluid R245fa, the efficiency changes much
faster with the evaporating pressure, so the LT-ORC output power re-
duces the fastest. For most of the working fluids, efficiency increases
with rising evaporating pressure fast at first, and then more and more
slowly as shown in Fig. 22 (subcritical cycles and 308 K condensing
temperature for all). The flat areas of the various working fluids lie in
different ranges and some of them, like toluene and cyclohexane, exist
in relative low evaporating pressure.
Based on the effects of the design evaporating pressure as analyzed
above, it can be known that if the design evaporating pressure is high
enough to make it in the flat area under all conditions, it will help to
maintain good part-load performance. Although the high design eva-
porating pressure may not bring an obvious increase in output power
under design conditions as shown in Fig. 22, it can improve the part-
load performance. Fig. 23 compares the part-load performance of two
C-ORCs designed at 1MPa and 2MPa evaporating pressures. Obviously,
the latter has better performance.
In a word, the LT-ORC has the worst part-load performance because
its efficiency decreases the fastest with the declining engine working
condition. By contrast, the efficiencies of the C-ORC and the B-ORC only
decrease slightly. This is especially true of the B-ORC, of which the
efficiency even increases slightly under 90% working condition, owing
to the great decrease of condensing pressure. However, the absorbed
heat of the C-ORC is always larger than that of the B-ORC, so the output
power of the C-ORC decreases slowest.
4.2. The comparison with the DORC
Despite the C-ORC having the best part-load performance and the
largest output power, the pressure ratio in the turbine is so large that
manufacturing the turbine is difficult. The pressure ratios in the two
stages of the DORC are both much smaller than those in the C-ORC and
can still output a large amount of power. As shown in Table 4, the
DORC output power under the rated working conditions is slightly
greater than even that of the C-ORC. In this part, the DORC part-load
performance is compared with the former three systems in detail. The
DORC is a combination of the B-ORC and LT-ORC, so the design eva-
porating pressures and condensing pressures of the HT and LT stages
are kept identical to those of the B-ORC (2000 kPa/200 kPa) and LT-
ORC (2000 kPa/211 kPa) to allow intuitive comparison.
Table 4 describes the dimensionless output power and thermal ef-
ficiency of the four systems under seven typical engine working con-
ditions. The definitions of dimensionless thermal efficiency and di-
mensionless output power are the same. From the table, it can be seen
that the dimensionless thermal efficiency of the DORC is quite similar to
the B-ORC, but slightly smaller. The mass flow rate and the inlet tem-
perature of the cooling water remain unchanged all the time in the B-
ORC, while the condensing heat of the HT stage is taken away by the LT
stage. When the engine working condition declines, both the mass flow
rate of the LT working fluid and its evaporating pressure decrease, re-
sulting in the temperature decrease of the HT cooling water. The tem-
perature drop can intensify the decrease of the HT stage condensing
Fig. 22. The dimensionless efficiencies of different working fluids varying with
evaporating pressure.
Fig. 23. The variation of system efficiency with engine working conditions
under different design evaporating pressures.
Table 4
The comparison of DORC part-load performance with the other three systems.
Working condition 100% 90% 80% 70% 60% 50% 40%
Dimensionless power LT-ORC 1 (71.6 kW) 0.897 0.791 0.697 0.604 0.512 0.366
Dimensionless power DORC 1 (133.8 kW) 0.908 0.820 0.732 0.646 0.565 0.417
Dimensionless power B-ORC 1 (70.7 kW) 0.901 0.819 0.723 0.640 0.552 0.398
Dimensionless power C-ORC 1 (131.3 kW) 0.911 0.822 0.736 0.650 0.568 0.437
Dimensionless efficiency LT-ORC 1 (10.28%) 0.983 0.962 0.940 0.915 0.883 0.817
Dimensionless efficiency DORC 1 (19.24%) 0.999 0.995 0.992 0.983 0.974 0.953
Dimensionless efficiency B-ORC 1 (10.16%) 1.01 1.01 0.994 0.987 0.975 0.942
Dimensionless efficiency C-ORC 1 (18.86%) 0.997 0.994 0.987 0.983 0.974 0.972
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pressure. From Fig. 24, it can be found that the condensing pressure of
the HT stage clearly declines faster than that of the B-ORC. This makes
the HT-stage efficiency higher than that of the B-ORC. It should be
noted that since the dynamic response speed of the DORC is slow [36],
the engine working condition decreases every 1000 s in Fig. 24. At the
same time, the efficiency of the LT stage decreases the fastest as men-
tioned above. Due to these two factors, the DORC efficiency is quite
close to the B-ORC efficiency under different working conditions.
Comparing the dimensionless output power, it can be found that
although the dimensionless efficiency of the DORC is slightly less than
that of the B-ORC under part-load, its dimensionless power is slightly
larger and quite close to that of the C-ORC. This indicates that the
absorbed heat of the DORC is slightly greater than that of the B-ORC. As
shown in Fig. 24, the condensing pressure of the HT stage decreases
faster than that of the B-ORC, so the HT working fluid temperature at
the evaporator inlet decreases faster as well, which contributes to en-
larging the heat transfer temperature difference in the evaporator and
improving the heat transfer ability. As a result, the absorbed heat of the
DORC is larger under part-load.
In short, the DORC has not only the largest output power under the
design working condition, but also excellent part-load performance.
From the T-s diagram (Fig. 4), it can be seen that the DORC and C-ORC
match with the exhaust heat better than the other two systems, and also
have better performance under design and part-load working condi-
tions. Therefore, it is believed that the system that best matches with
the heat source not only performs well under the design conditions, but
also has excellent part-load performance.
5. Conclusion
The part-load performance of four different forms of ORCs is com-
pared in the study using dynamic math models. The four forms of ORC
are the ORC applying low temperature working fluid R245fa with a
medium heat transfer cycle (LT-ORC), the ORC applying high tem-
perature working fluid toluene with high condensing pressure (B-ORC)
and low condensing pressure (C-ORC), and the double-stage ORC
(DORC). It is regarded that the more slowly the output power decreases,
the better part-load performance it has. Based on the analysis above, it
can be concluded that:
1 The part-load performance of the four systems decreases in the
order: C-ORC > DORC > B-ORC > LT-ORC. Among the three
single stage ORCs, the efficiency of the LT-ORC decreases obviously
with the declining engine working condition, leading to the worst
part-load performance. By contrast, the efficiencies of the C-ORC
and the B-ORC only decrease a little, especially the B-ORC of which
the efficiency even slightly increases under the 90% working con-
dition. However, the absorbed heat of the C-ORC is larger than that
of the B-ORC all the time, so the C-ORC has the best part-load
performance. The DORC is a cascade utilization system and its part-
load performance is almost as good as that of the C-ORC.
2 The condensing condition has a great impact on part-load perfor-
mance. The large temperature difference between the cooling water
and the condensing temperature can lead to a great drop of the
condensing pressure when the engine working condition decreases,
which contributes to improving the ORC efficiency under part-load.
Owing to this, the efficiency of the B-ORC only declines a little and
even has a slight increase under the 90% working condition.
3 The design evaporating pressures of different working fluids also
greatly affect part-load performance. The efficiencies of most
working fluids have a flat area where the efficiency varies slightly
with evaporating pressure. The area exists in a different evaporating
pressure range for various working fluids. If the design evaporating
pressure is sufficiently high, it will make the evaporating pressure
under all working conditions in the flat area, which helps to main-
tain excellent part-load performance. Although the high design
evaporating pressure may not bring an obvious increase of output
power under the design condition, it can improve part-load perfor-
mance.
4 According to the T-s diagram, the DORC and C-ORC show the best
part-load performance and have a better matching structure with
exhaust. Therefore, it is believed that the system that best matches
with the heat source not only performs well under the design con-
ditions, but also has excellent part-load performance.
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